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Abstract
This is part II of a twofold paper series dealing with the design and implementa-
tion of model-based controllers meant for assisting the hybrid and developing the
feedback-controlled lubrication regimes in active tilting pad journal bearings (active
TPJBs). In both papers theoretical and experimental analyses are presented with
focus on the reduction of rotor lateral vibration. This part is devoted to synthe-
sising model-based LQG optimal controllers (LQR regulator + Kalman Filter) for
the feedback-controlled lubrication and is based upon the mathematical model of the
rotor-bearing system derived in part I. Results show further suppression of resonant
vibrations when using the feedback-controlled or active lubrication, overweighting
the reduction already achieved with hybrid lubrication, thus improving the whole
machine dynamic performance.
Keywords: Tilting-Pad Journal Bearing, Actively-Lubricated Bearing,
Active Vibration Suppression, Rotordynamics
1. Introduction
The control of vibration in rotating machinery has been achieved both
passively and actively. Passive elements, such as squeeze-film dampers [1]
and seal dampers [2] introduce dissipative forces to the system counteracting
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destabilizing forces and consequently reducing vibrations. However, without
simultaneous sensing and actuating capabilities their potential to adapt and
perform adequately in a wide frequency range becomes limited. The active
elements overcome this limitation by incorporating actuators and sensors,
which in a closed-loop configuration provide adaptability to wider frequency
ranges and higher efficiency toward vibration reduction. Most of the active
elements for rotating machines are built upon bearings. The control of vi-
brations is attained by modifying the bearing properties accordingly to the
excitation loads and operational conditions. A variety of bearing types (ball
bearings, magnetic bearings, compressible and incompressible fluid-film bear-
ings) combined with several actuator types (magnetic, piezoelectric, pneu-
matic, hydraulic) leads to a variety of mechatronic devices or simply active
bearings [3, 4, 5, 6, 7, 8, 9]. Herein, an incompressible fluid-film bearing
with hydraulic actuator, namely tilting-pad journal bearings with active lu-
brication [10, 11, 12], is theoretically as well as experimentally investigated.
The dynamic characteristics of rotors supported by TPJBs can be controlled
either by modifying the journal-pad clearance through pad pushers – piezo-
electric [13] or hydraulic [11] – or by direct modification of the fluid-film pres-
sure distribution [14] via the active lubrication. In [15] the authors simulated
an active TPJB with piezoelectric pushers controlled by an LQR regulator,
while in [10] the author investigated the lateral dynamics of a rigid rotor con-
trolled by pads on hydraulic pushers and introduced the active lubrication
principle applied to TPJBs.
Active TPJBs aiming at improving damping properties and the stability
margin of rotating machines have been theoretically investigated in [16, 17].
Bearing damping properties in active TPJBs are improved by featuring the
feedback-controlled lubrication. Under this lubrication regime, the system
response, namely the rotor lateral vibration, is utilized to generate suit-
able signals to command the servovalves that control the high pressurized
oil flow. Synthesising PID controllers seems to be an adequate control de-
sign approach once the rotor-bearing system is manufactured. Some model-
free approaches [18, 19] or even “on-site” gain tuning can be used to obtain
good controllers. The works [20, 21, 22, 23] are focused on PID controllers
for active TPJBs. Nonetheless, if the synthesis of the controller is to be
considered as a part of the machine design process, i.e. before the whole
rotating machine is manufactured, then a model-based approach becomes
an attractive control design tool, allowing for an optimization of the whole
electro-mechanical system dynamics. The accuracy in describing the dy-
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namic behavior of passive TPJBs [24, 25, 26, 27, 28, 29] and active TPJBs
connected to hydraulic servosystems [14, 30, 31, 32, 33] makes feasible to-
day’s model-based control design approaches. Regarding the active control
of flexible rotors supported by fluid-film bearings, a theoretical study on full
and reduced modal state controllers was presented in [34]. In [6] the vibra-
tion suppression was theoretically and experimentally studied though using
magnetic actuators. Different state-feedback controllers were studied and
the system model reduction was based upon retaining dominant modes; no
spillover problems were observed. [35] also emphasizes the modal reduction of
large rotordynamics systems whilst an LQR controller was designed. Linked
with active TPJBs, in [36] a compressor supported by this kind of bear-
ing was theoretically studied. Output feedback control and pole placement
methods were used. In all these contributions the need for reducing the size
of the rotordynamics model by modal approaches is addressed, which might
lead to spillover problems.
The main contribution of this work is to present the design and implementa-
tion of a model-based controller for a flexible rotor supported by an actively-
lubricated TPJB. The objective of the controllers is to reduce the amplitude
of the frequency response at resonance in closed-loop, while the TPJB is ac-
tively lubricated. From the theoretical standpoint, the rotor-bearing system
modelling based on part I is hereby used. The model is modal-reduced and
its states are further complex separated to design the LQG regulator. From
an experimental standpoint, comparisons of the system response in closed-
loop with LQG against the PID controller are presented. Additional tests
on slightly modified system are carried out to check the actuator bandwidth.
Finally, a discussion on additional pinpointed dynamics is presented.
2. Test Rig Facilities Recap
The flexible rotor-bearing test rig was introduced in part I of this series
of papers, more details can be found therein. It resembles a large over-
hung centrifugal compressor for which the rotor is supported by an actively-
lubricated TPJB as the one shown in Figure 1. The feedback-controlled
regime, as defined in part I, is obtained by dynamically controlling the in-
jection of pressurized oil directly into the bearing gap via servovalves. Three
rotor configurations can be obtained by hanging different numbers of discs
at the free-end, i.e. none, one or two discs. Consequently, three different
levels of static bearing loading can be obtained, i.e. 400 N, 880 N or 1440 N,
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Figure 1: Active TPJB. 1© low pressure oil inlet. 2© electrohydraulic servovalve. 3©
proximity probes. 4© pad. 5© low pressure oil nozzle. 6© centred pad orifice. 7© high
pressure oil nozzle.
respectively. This also strengthens the gyroscopic effect due to the addition
of the disc inertia and reduces the natural frequencies of the system. For
instance, the first bending mode is reduced from 210 Hz to 150 Hz and 95
Hz by augmenting the disc number, respectively. The frequency bandwidth
of the servovalves and consequently of the active forces strongly depends on
the supply pressure Ps. For the current application high response servovalves
are used, with a cutoff frequency of 350 Hz for a nominal pressure of 210 bar
and 260 Hz at 100 bar, the maximum design pressure for the current system.
3. Linear Model of the Rotor-Bearing System
The modelling of the flexible rotor-bearing system under different lubri-
cation regimes was also presented in part I. The theoretical model is based
on a finite element approach, in which each shaft element is represented by
two nodes with 4 dofs each and where the active TPJB is included by using
the full matrices of the dynamic linear coefficients obtained by an Elasto-
Thermo-Hydrodynamic (ETHD) model of the bearing. In the case of the
active lubrication regime, the equilibrium position Πa0 can be regarded as the
same as in the hybrid lubrication regime, which is defined by the force and
thermal equilibria as well as by the supply pressure of the injection system.
Therefore, the linear equation of motion at a defined rotational speed Ω and
a given supply pressure Ps reads:
Mx¨ +
(
D|Πa0 − ΩG
)
x˙ +
(
K + K|Πa0
)
x = Wu + fext (1)
4
where on the left hand side M, K and G stand for the rotor mass, stiff-
ness and gyroscopic matrices and K|Πa0 and D|Πa0 stand for the full dynamic
coefficient matrices of the actively-lubricated bearing at the equilibrium con-
dition Πa0, which include the servovalves dynamics. The generalized coor-
dinated vector is composed of the rotor and active tilting pad dofs: x =
{v1w1 γv1 γw1 . . . vns wns γvns γwns , θ1 . . . θnp , . . . β1 . . . βnp , η1 . . . ηnp , qv1 qv2}T. On
the right hand side, fext stands for the external forces applied to the rotor
and u for the 2×1 control signal vector containing the driven voltage of each
servovalve, i.e. u = {u1 u2}T. W is a sparse input control matrix whose non
zero elements are defined by the servovalve parameters dependent on Ps as:
W(iqv1 , 1) = ω
2
v1
Rv1 W(iqv2 , 2) = ω
2
v2
Rv2 (2)
Equation (1) can be rewritten as:
Mx¨ + D¯x˙ + K¯x = Wu + fext (3)
4. Modal-Reduced State-Space Model
In order to design a model-based controller, the system governing equa-
tion (3) must be rewritten in a state-space formulation. To reduce computa-
tional burden when implemented, a pseudo-modal reduction scheme is chosen
which considers only the slowest eigenvalues. As a consequence, a separa-
tion of complex states is needed for implementing the controller in real time
processors, which does not work with complex numbers.
By choosing the state displacement and velocity vector X = {x x˙}T, the
state-space representation of the LTI system of Equation (3) is written as:
X˙ = AX + Bu + Bvv1 (4a)
Y = CX + v2 (4b)
where for the state equation (4a) the state matrix A, the input matrix B
and the disturbance input matrix Bv are defined as:
A =
[
0 I
−M−1K¯ −M−1D¯
]
B =
[
0
M−1W
]
Bv =
[
0
M−1
]
(5)
The external forces acting upon the system are considered as process or state
disturbances v1 = fext. In the measurement equation (4b) the output matrix
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is defined as C =
[
II 0
]
where the matrix II is a binary matrix with ones
in the measured states. v2 stands for the measurement noise.
Stability is assessed by the real part of the eigenvalues λi which must be
less than zero, i.e. <{λi} < 0. Eigenvalues λi and the correspondent right
Φi and left Ψi eigenvectors are obtained by solving the standard eigenvalue
problems [37]:
AΦi = λiΦi A
TΨi = λiΨi (6)
eigenvectors are normalized according to ΨTi Φi = 1. Controllability and ob-
servability are evaluated by the “degrees” of controllability and observability
of the ith mode from the jth input or kth output, respectively, forming the
cosA and cosB matrices whose elements are defined as [38]:
cos(αij) =
|ΨTi bj|
‖Ψi‖‖bj‖ cos(βki) =
|ckΦi|
‖ck‖‖Φi‖ (7)
This approach has been previously used in [39, 40] and is chosen over the
standard invariant binary test based on the rank assessment [37] because
it allows us to judge separately the controllability and observability of each
mode. By taking the norm of each column of the cosA matrix and each
row of the cosB, gross measurement of controllability and observability are
obtained by considering the contribution of all modes in the respective input
ui and outputs Yk.
The system as presented in Equation (4a) is computationally heavy for
implementing model-based controllers in real time since it requires a large
number of states to be controlled. This is mainly due to the large number of
shaft elements necessary to properly describe the rotor dynamics. In addition
to that, a significant amount of dofs are added to describe the pad and
hydraulic dynamics of the active TPJB. Therefore a system reduction is
required. A number of reduction schemes can be used [41], however, the
pseudo modal reduction is the most appropriate since only the lowest modes
lying in the frequency range of interest are preserved while higher modes are
discarded. Nonetheless, the model reduction is obtained at the expense of
increasing the odds of producing observer or controller spillover problems [34].
Under this scheme the physical general coordinates are approximated by n
modal coordinates such that X = Prq and X˙ = Prq˙, for which the pseudo-
modal right and left matrices Pr and Pl are constructed column-wise with
the selected modes as:
Pr = [Φ1 Φ2 Φ3 · · ·Φn] ; Pl = [Ψ1 Ψ2 Ψ3 · · ·Ψn] (8)
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The system of equations (4) is rewritten as:
q˙ = Arq + Bru + Brvv1 (9a)
Y = Crq + v2 (9b)
with:
Ar = Pl
TAPr B
r = Pl
TB Brv = Pl
TBv C
r = CPr (10)
When making the similarity transformation with the pseudo-modal matrices
Pr and Pl, which contain complex valued modes, the resulting system ma-
trices also become complex valued; therefore, a separation of complex states
is needed in order to rewrite a real valued system that can be implemented
in a computer, capable of processing only real numbers. The system is par-
titioned into real and imaginary parts as proposed in [39, 42] obtaining a
double size 2n system defined by the matrices:
A¯r =

. . . [<{λi} −={λi}
={λi} <{λi}
]
. . .

B¯r =
[· · · <{Bri} ={Bri} · · ·]T
B¯rv =
[· · · <{Brvi} ={Brvi} · · ·]T
C¯r =
[· · · <{Cri} − ={Cri} · · ·]
(11)
Provided that the eigenvalues are complex conjugated – no real eigenvalues
–, the system can be downsized back to n states by keeping in the matrices
{A¯r, B¯r, B¯rv, C¯r} only the rows and columns associated with one of the con-
jugated eigenvalues and by multiplying by two the input matrices {B¯r, B¯rv}.
Therefore:
q˙ = A¯rq + B¯ru + B¯rvv1 (12a)
Y = C¯rq + v2 (12b)
Equation (12) is the system representation in terms of the selected modal
coordinates q. No correction for the steady-state error is made, assuming
small contribution of higher modes to the steady state response. The reduced
model can be used for designing controllers by influencing only the included
system modes.
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5. Controller Design
With the availability of an LTI system model, the necessary controllers
for developing the active lubrication with the TPJB can be part of the bear-
ing design process. The control objective is to reduce vibrations in resonance
zones, or in other words, to achieve FRF spectra that minimise peak re-
sponses. A Linear Quadratic Gaussian (LQG) regulator is to be designed by
combining an optimal Linear Quadratic Regulator (LQR) with a stochastic
optimal observer, the Kalman filter. Provided the system is stabilizable and
taking advantage of the separation principle, the observer and controller can
be indistinctly designed following the recommendations of [37].
In most practical applications only a few states can be measured, in
this case up to four. This poses the need to estimate correctly the sys-
tem states through observers. Two cornerstone works have paved the way
for how observers are designed, the deterministic Luenberger observer [43]
and the stochastic Kalman filter [44]. The observer used in the design of
the LQG regulator corresponds to a full order Kalman filter. This stochas-
tic observer, which takes into account the measurement v2 and process v1
noises, is the optimal observer for LTI systems provided the existence and
propagation of noise. Even if the system does not behave linearly, it is the
best estimator that can be designed. Referring to Figure 2 and using the
system of equations (12), the defining equations of the observer are:
˙ˆq = A¯rqˆ + B¯ru + L(Y − Yˆ) (13a)
Yˆ = C¯rqˆ (13b)
where L is the steady-state observer gain obtained in terms of the variance
matrix V2, the output matrix C¯
r and the error covariance matrix, which is
the solution of the time independent Riccati equation for the uncorrelated
noise variance matrices V2 and V1 assumed for the measurement v2 and
process v1 noises, respectively. Obtaining these matrices is the more chal-
lenging task in the design of the filter; the approach here utilized will be
discussed later.
With the availability of the state estimates qˆ, a full state-feedback con-
troller can be designed. Full state-feedback means that the system output
Y is used to reconstruct the entire “modal” state vector qˆ and not only the
missing states. The LQR controller is an optimal control in terms of en-
ergy balance between states and control signals obtained by minimizing the
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steady-state cost function:
J =
∫ ∞
0
(
qˆTQqˆ + uTRu
)
dt (14)
where Q is a positive semi-definite n×n diagonal matrix utilized for weighting
the states and R is a positive definite 2× 2 matrix to weight the servovalve
control signals. These matrices are obtained via trial and error tests through
simulations until control requirements are met. This approach provides an
intuitive way to synthesise the controller gains by weighting only the modal
states of interest while control signals are kept within specifications. The
control law is defined by:
u = −Kqˆ (15)
where the control gain K is obtained in terms of the control weighting matrix
R, the input matrix B¯r and the solution of the steady-state Riccati equation
for Q and R. The control matrix K includes only proportional and deriva-
tive gains; integral action for keeping the system around the equilibrium can
also be included in the calculation by means of system augmentation. In this
case the state vector is augmented as qlqr = {qˆ qi}T and the obtained gain
matrix is Klqr = [K −Ki]. The integral states are defined as the integral
of the output steady-state error and are incorporated via the time derivative
equation q˙i = r−Y = r− C¯rqˆ, with r being the desired position reference.
Figure 2 shows the block diagram of the system in closed-loop, comprised
of the rotor-bearing system plus the observer and the controller. The gov-
erning equations in closed-loop can be summarized as: q˙q˙i
˙ˆq
 =
 A¯r B¯rKi −B¯rK−C¯r 0 0
LC¯r B¯rKi A¯
r − LC¯r − B¯rK
qqi
qˆ
+
0Ir
0
 r +
B¯rv0
0
v1
(16a)
Y = C¯rq + v2 (16b)
for which the eigenvalues of the closed-loop system are determined by:
det
(
λI−
[
A¯r − B¯rK B¯rKi
−C¯r 0
])
= 0 (17a)
det
(
λI− (A¯r − LC¯r)) = 0 (17b)
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Figure 2: Closed-loop system block diagram. LQR controller gains K and Ki. Kalman
filter with observer gain L.
Equation (17a) and equation (17b) stand for the controller and observer
eigenvalue equations respectively.
6. Theoretical Results
The system is firstly studied with the rotor without discs. Under this
condition the first bending mode of the rotor-bearing system lies slightly
above 200 Hz. The static bearing load is 400 N. The simulated operational
conditions are Ω 1000 rpm and Ps 100 bar. The shaft discretization is re-
ported in part I. In the current case, 26 finite elements ensure convergence
of the shaft representation and place nodes at the more significant locations
for the study. The rotor contributes 108 dofs whilst the active TPJB has
14 additional ones. There are three dofs per pad (tilt, bending and radial
movement) plus one dof per servovalve. The full-order system has a total of
122 dofs, i.e. 4nr +npip+nv; it totalizes 2N = 244 states which is reduced to
n = 12 modal states. The eddy-current sensors are installed at node 23 with
sensors 1 and 2 and at node 17 with sensors 3 and 4. Uneven sensors are hor-
izontally oriented while even ones are vertically. The active TPJB is located
at node 15. The full order model can be reproduced with the information
provided in the paper series. Table 1 summarizes the eigenvalues of the full
model up to around 400 Hz and the ones kept in the reduced order model up
to around 210 Hz. The full order model is obtained considering the spool of
10
the servovalve centred, i.e. injecting only the leakage flow. In the leftmost
column an indication of the subsystem that the eigenvalues are related to
are presented. To fulfil the complex separation approach, slow overdamped
modes lying in the studied range are excluded in advance, hence they are
not affected by the LQR controller. This is the same as not weighting them
in the Q matrix and it contributes to lowering the reduced-order system size
even more, critical for the controller implementation. The lower eigenvalues
of around 10 Hz correspond to the rotor-bearing system conical mode which
is very well damped. The next ones at 177 Hz are introduced by the servo-
valve dynamics, which have the larger damping ratio of the whole system.
The highlighted frequencies around 210 Hz correspond to the first bending
modes of the rotor-bearing system. These modes dominate the FRFs due to
their relative low damping ratio. As a reference, higher bending modes are
also depicted around 400 Hz for the full model.
Figure 3 shows the modal controllability degrees of the six retained modes
in the reduced-order model, sorted as presented in Table 1 along with their
conjugate, i.e. twelve states in total. The same sorting is utilized in subse-
quent figures of observability. It is clear that the included modes are more
controllable from input 2 than from input 1 with gross measurements of con-
trollability of 13·10−4 and 1·10−4, respectively, i.e. 13 times more controllable
from input 2. From Figure 3 b) the most controllable mode corresponds to
the servovalve mode. Among the rotor-bearing modes, conical modes are
slightly more controllable than the bending ones. Regarding observability,
Full model Reduced model
λi(sec
−1) ωdi(Hz) ζi λi(sec
−1) ωdi(Hz) ζi
1) R-B -55.22±64.09i 10.20 -0.653 1) R-B -55.22±64.09i 10.20 -0.653
2) R-B -54.75±64.14i 10.21 -0.649 2) R-B -54.75±64.14i 10.21 -0.649
3) SV -1188±1112.2i 177 -0.730 3) SV -1188±1112.2i 177 -0.730
4) SV -1188±1112.2i 177 -0.730 4) SV -1188±1112.2i 177 -0.730
5) R-B -66.27±1315.8i 209.41 -0.050 5) R-B -66.27±1315.8i 209.41 -0.050
6) R-B -66.33±1318.1i 209.78 -0.050 6) R-B -66.33±1318.1i 209.78 -0.050
7) R-B -236.53±2588.1i 411.89 -0.091 —————————————————
8) R-B -351.49±2589.8i 412.18 -0.090
Table 1: Open-loop eigenvalues λi, damped frequencies ωdi and damping ratios ζi of the
full and reduced order model of the rotor-bearing system. R-B: Rotor-Bearing system.
SV: Servovalves, hydraulic system.
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Figure 3: Modal Controllability degrees of the reduced-order model. a) from servovalve 1.
b) from servovalve 2.
Figure 4 depicts the degrees of observability from sensors 1, 2, 3 and 4 with
gross measurements of observability of 19.1 · 10−5, 17.9 · 10−5, 15.4 · 10−5 and
14.4 · 10−5, respectively. Clearly the most observable mode corresponds to
the conical one. On the other hand, the first bending mode is more observ-
able from sensors 1 and 2 than from 3 and 4. To diminish the computation
burden, only sensors 1 and 2 are utilized in the controller design and in the
experimental work to observe the bending mode. Servovalve modes are un-
observables. A two input - two output plant is established.
The LQG regulator is designed for controlling the first bending mode of
the rotor-bearing system in the no disc configuration. This implies that their
corresponding modes (1, 2, 5 and 6) are heavily penalized in comparison with
the servovalve ones (3 and 4). The utilized R and Q matrices are presented
in Equation (18). Some heuristic rules [37] were followed to determine the
weights but they were finally determined after intensive trial and error tests.
As mentioned, the rotor-bearing modes are highly penalized with the weights
in the order of 106, while the modes included by the servovalve modelling are
quite less penalized by only 1. The last two weights penalize the integral
states. Control signals are weighted in a way that simulated signals are
bounded ±1.5 V to stick to the linear behaviour of servovalves while exciting
12
.1 2 3 4 5 6 7 8 9 10 11 12
0
0.5
1
x 10−4
co
s(
β
1
i
)
1 2 3 4 5 6 7 8 9 10 11 12
0
0.5
1
x 10−4
co
s(
β
2
i
)
mode #
1 2 3 4 5 6 7 8 9 10 11 12
0
0.5
1
x 10−4
co
s(
β
3
i
)
1 2 3 4 5 6 7 8 9 10 11 12
0
0.5
1
x 10−4
co
s(
β
4
i
)
mode #
a) b)
c) d)
Figure 4: Modal observability degrees of the reduced-order model. a) from sensor 1. b)
from sensor 3. c) from sensor 2. d) from sensor 4.
the system with a chirp signal.
R = diag{6 · 104, 6 · 104}; (18)
Q = diag{8 · 106 8 · 106︸ ︷︷ ︸
1)
8 · 106 8 · 106︸ ︷︷ ︸
2)
, 1 1︸︷︷︸
3)
1 1︸︷︷︸
4)
,
1.8 · 106 1.8 · 106︸ ︷︷ ︸
5)
1.2 · 106 1.2 · 106︸ ︷︷ ︸
6)
, 109 109︸ ︷︷ ︸
Integral
};
For the Kalman filter, the measurement and process noise covariance matrices
are needed. The first one is readily obtained by characterizing statistically
the sensors, while for the second one different approaches might be used. The
first one consists of, provided a known covariance of the system disturbances,
propagating the noise to the states through the disturbance input matrix
Bv. Another form is to impose the noise to the states directly through an
identity input matrix I [41]. This identity input matrix also has to be reduced
following the same steps as for the input matrix Bv in order to express the
state noise in modal coordinates. Both options were simulated, with the last
13
one obtaining better results. The noise covariance matrices are defined as:
V2 = diag{(1.422 · 10−7)2, (3.932 · 10−7)2} [m2]; (19)
V1 = 10
5diag{4, 5, 15, 40, 58475, 17300, 56734, 3482, 1059,
2521, 229, 49, 1453, 5038};
In Figure 5 the theoretical FRFs of the full and reduced open-loop system
as well as the reduced-order system in closed-loop are shown. It is seen that
the reduced-order model reconstructs closely the full order one with small
discrepancies towards the steady-state response. On the other hand, the vi-
bration reduction in the resonant zone is achieved in both directions with the
closed-loop reduced-order system, but at the expense of an increase in the
system response at low frequencies. Table 2 summarizes the controller and
observer eigenvalues of the closed-loop system. Unlike the pole placement
approach in which, provided the system is stabilizable, eigenvalues can be
modified at will, under optimal control they are obtained only after simu-
lations. In closed-loop, one of the conical eigenvalues becomes overdamped,
while for the other one the damping ratio is slightly increased. The servo-
valve eigenvalues remain almost unaltered. While for one of the first bending
modes, the damped natural frequency is slightly reduced to around 200 Hz
whilst its damping ratio is increased significantly. The last two eigenvalues
are linked to integral action; they were obtained relatively slowly meaning
LQR regulator Kalman Filter
λi(sec
−1) ωdi(Hz) ζi λi(sec
−1) ωdi(Hz) ζi
1) R -B -316.9 - - -1.153·106 - -
2) R -B -92.03 - - -0.2789·106 - -
3) R -B -69.1±63.4i 10.1 - 0.74 -103.41 - -
4) SV -1323±1104i 176 -0.768 -74.35 - -
5) SV -1188±1112i 177 -0.730 -1188±1112i 177 -0.730
6) R -B -726.35±1262.8i 201 -0.50 -1188±1112i 177 -0.730
7) R -B -122.87±1317.2i 210 -0.09 -253.08±1280.5i 203.8 -0.181
8) I -0.0008 - - -120.51±1308.4i 208.3 -0.092
9) I -0.0012 - - ————————————–
Table 2: Closed-loop eigenvalues λi, damped frequencies ωdi and damping ratios ζi of the
LQR regulator and Kalman filter observer. R-B: Rotor-Bearing system. I: integral action.
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Figure 5: Theoretical FRFs in the Horizontal (a) and c)) and Vertical (b) and d)) direction.
Solid line (–) corresponds to the open-loop full order system, i.e. system under hybrid
lubrication. Dashed dotted line (-.) corresponds to the reduced-order model response.
The dashed line (--) corresponds to the reduced-order system in closed-loop, i.e. featuring
the LQG regulator.
that steady-state errors will be slowly compensated. Kalman filter features
two fast real eigenvalues at the left half plane which dominates the observer
dynamics.
7. Experimental Results
The experiments start when force and thermal equilibria were established
for the same system configuration and operational conditions simulated. The
implementation of controllers is carried out in discrete time considering a
sampling frequency Fs of 3 kHz. Results are presented only in the horizontal
direction. The system is excited with an electromechanic shaker connected
to the excitation bearing, corresponding to node 26, dofs 101. The system
response is obtained at sensor pedestal 1, which corresponds to node 23,
dofs 89 of the model. For obtaining the FRFs a chirp signal is swept in
the frequency range covering the first bending frequency of the rotor-bearing
system. The sweeping time was set to 10 s and the recording time was 5
min. Post processing parameters are: Hanning window, 1 Hz of frequency
resolution and 50% of overlap. To avoid the onset of observer or controller
spillover problems, low pass digital filters were implemented for filtering the
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Figure 6: Time series of the system output and system estimate by the Kalman filter. a)
low frequencies. b) high frequencies.
system outputs and control signals if required.
Figure 6 presents the system output Y1 along with the corresponding es-
timate Yˆ1 produced by the Kalman filter at low and high frequency ranges.
Estimates correspond pretty well with the measurement which makes the ob-
server a suitable one with regards the definitions of the covariance matrices
V1 and V2, especially regarding the last one.
Figure 7 presents the results for the no disc configuration. In this case the
resonance is slightly above 200 Hz and the active lubrication based upon the
synthesised LQG controller and a variation of it were tested. This variant,
the LQG*, ponders the first bending mode slightly less. No further im-
16
.Figure 7: No disc configuration. Experimental FRF in the horizontal direction. 1000 rpm.
90 bar. Input at node 26 (dof 101) and output at node 23 (dof 89).
provements are obtained with the active lubrication and vibrations slightly
differing from the hybrid case. This might be because servovalves are acting
at their bandwidth limit for the 90 bar of supply pressure used. Under this
supply pressure the natural frequency of the hydraulic system is around 250
Hz which, along with a 0.73 of damping factor, implies a decay in the servo-
valve response above 170 Hz approximately. To delve into this assumption
the system is studied with the rotor hanging one disc and with the same sup-
ply pressure. Under this configuration the bearing supports a heavier load,
880 N approximately. Alongside, the damped natural frequency of the first
bending mode of the rotor-bearing system is reduced to about 150 Hz, which
lies within the linear bandwidth of the actuator. Figure 8 shows the results in
the horizontal direction for such a configuration and operational condition.
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Figure 8: One disc configuration. Experimental FRF in the horizontal direction. 1000
rpm. 90 bar. Input at node 26 (dof 101) and output at node 23 (dof 89).
A new LQG controller was synthesised following the same procedure pre-
sented previously. In addition, for benchmarking purposes, an on-site tuned
PID controller was also synthesised for developing the active lubrication in
this configuration. The proportional, derivative and integral matrices were
defined as Kp = 10
3[7 − 7; 7 7] (V/m), Kd = [50 − 40; 40 50] (Vs/m) and
Ki = 10
4[1 −1; 1 1] (V/ms), respectively. The tuning of an appropriate PID
controller is not trivial and an important amount of trial and error tests are
run until obtaining a performance that met the requirements. It is noted that
the tendency in the results remains, in the sense that vibrations are reduced
with the hybrid lubrication regime when compared against the passive one.
But in this case further reductions are obtained with the active lubrication,
which performs slightly better with PID control rather than with the LQG
18
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Figure 9: Two discs configuration. Experimental FRF in the horizontal direction. 1000
rpm. 100 bar. Input at node 26 (dof 101) and output at node 23 (dof 89).
regulator. Nonetheless, reductions are still not so significant.
To further reduce in frequency the resonant zone and ensure a better
actuator performance, an additional disc was mounted, obtaining two discs
hanging in the rotor. Static bearing load increases up to 1440 N. The supply
pressure was slightly increased to 100 bar. Figure 9 depicts the experimental
FRFs obtained with both controllers, the same PID controller and a new syn-
thesised LQG regulator. Again, the same synthesising procedure presented
in the theoretical section was followed. Additionally, the system response
under passive and hybrid lubrication is also included for comparison. Un-
der the hybrid lubrication, the spool is kept centred and only the leakage
flow into the bearing clearance occurs. A significant reduction in amplitude
is obtained in the resonant zone when the hybrid lubrication is featured in
19
.Figure 10: Two discs configuration. Experimental FRF in the horizontal direction. 2000
rpm. 100 bar. Input at node 26 (dof 101) and output at node 23 (dof 89).
comparison with the passive or conventional one. This is due to the injection
of high pressurized oil at 100 bar which modifies the bearing stiffness and
damping properties. Further reductions are obtained in the resonant zone
with the LQG regulator and even more with the PID controller. A fitting
of a single degree of freedom curve to the passive and active – with LQG
control – cases reveals an increase of the damping ratio of approximately
five times, from 0.067 to 0.33, which is half of that predicted. Doubtless, a
better performance of the actuator is obtained when two discs are hanged
on the rotor than when is only one. As a point of comparison, in Figure 9
a peak reduction of about 70% is obtained with active lubrication based on
PID control when compared to the passive one, whereas in Figure 8 this
reduction is only of the order of 50%.
20
.Figure 11: Two discs configuration. Experimental FRF in the Horizontal Direction. 1000
rpm. 100 bar. Input at node 26 (dof 101) and output at node 23 (dof 89).
Despite the LQG controllers being designed for an angular speed of 1000
rpm, in this configuration it was also tested at a higher speed. Figure 10
shows such results for 2000 rpm. The PID controller was retuned in order
to meet the requirement of reducing vibrations at such velocity. The pro-
portional and derivative gain matrices were updated to Kp = 10
4[1 − 1; 1 1]
(V/m) and Kd = [20 − 10; 10 20] (Vs/m). It can be noticed that in general
the vibration amplitudes reduce and both controllers manage to reduce the
vibration amplitudes around the 90 Hz resonance. The PID controller still
performs better than the LQG regulator. In all studied cases, no spillover
problems at higher frequencies were observed for the model-based controllers,
hence signal filtering was not needed.
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Figure 12: Servovalve control signals for the LQG controller during a 10 s sweep of a
20-200 Hz chirp signal.
8. Discussion
Previous results have achieved the control goal of reducing the vibrations
in the frequency range for which the controllers were designed, i.e. around
the resonant zone of the first bending frequency of the rotor-bearing system.
However, at lower frequencies than 70 Hz, the implementation of the LQG
regulators yields an unexpected resonance which only shows up with this sort
of controller. Figure 11 depicts the same results as Figure 9 but extended at
low frequencies up to 20 Hz (highlighted with light a gray transparent layer).
Frequencies below this value are avoided due to the seismic mass behaviour of
the shaker. The resonant zone is identified at around 40 Hz only for the LQG
controller. It is also confirmed that the active lubrication based on the PID
controllers perform well at low frequencies with only a small amplification
of rotor vibration amplitudes close to 20 Hz. Figure 12 depicts the voltage
control signals commanding the servovalves when performing the tests with
the LQG regulator. The rise in amplitude of the servovalves clearly noted in
servovalve 1 before 2 seconds corresponds to such a 40 Hz resonance. It is
also seen that signals are bounded between ±1 V and that control signal 2
is larger and noisier. Since the performance significantly deteriorates below
70 Hz only for the LQG controller, it is assumed that there are unmodelled
22
.Figure 13: Two discs configuration. Experimental FRF in the Horizontal Direction. 1000
rpm. Input at node 26 (dof 101) and output at node 23 (dof 89). Effect of the supply
pressure in the performance of the LQG regulator. 12, 20, 30, 50 and 100 bar.
dynamics. To explore the possible causes, the supply pressure Ps is varied to
make the controller less aggressive, even though the controller is originally
designed for 100 bar. According to the servovalve specifications, a reduction
of the pressure supply implies to lessen the servovalve natural frequency and
hence obtain a narrower bandwidth of effectiveness.
Figure 13 shows the effect of reducing the supply pressure Ps in the radial oil
injection system. It is noticed that as the pressure reduces, the frequency and
amplitude of the resonant zone around 40 Hz also reduces. It is also evident
that as the pressure reduces the effectiveness of the controller around 90
Hz (rotor-bearing resonance) deteriorates as expected. It is believed that
this is due to a strong interaction between the rotor-bearing system with
23
.Figure 14: Two discs configuration. Experimental FRF in the Horizontal Direction. 1000
rpm. 30 bar of supply pressure. Input at node 26 (dof 101) and output at node 23 (node
89).
torsional movements of the foundation, which indeed are linked through the
housing stiffeners and boosted at higher pressures. Given the existence of
this unmodelled dynamic present in the LQG regulator, it was not possible
to apply the complete control signals to both servovalves for pressure over 50
bar, cases for which control signals were reduced by a master gain to 40 %.
Figure 14 depicts the same results as in Figure 9 but with a supply pressure
of 30 bar, showing that with a less aggressive controller in terms of pressure,
a good balance between the two resonant zones around 40 Hz and 90 Hz can
be obtained.
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9. Conclusions
In this work, the design and implementation of model-based controllers for
developing the feedback-controlled lubrication in actively-lubricated TPJBs
were presented. The work demonstrates flexible rotor systems supported by
the mentioned kind of bearings. The designed controllers are full-state opti-
mal LQG controllers which harness the characteristics of LQR regulators with
stochastic Kalman filters. Despite the results being obtained under opera-
tional conditions less demanding than those imposed on industrial machinery,
results are valuable since they pinpoint latent problems when it comes to real
applications. In the light of the simulations and the experimental campaigns,
it can be concluded that:
• The current maturity in the modelling of actively-lubricated TPJBs based
on the ETHD approach allows us to include full matrices of the bearing
dynamic properties in the rotor-bearing modelling to design and develop
model based controllers.
• The design of model-based controllers based on full state-feedback requires
a model reduction. An appropriate reduction scheme is the pseudo-modal,
which preserves only the slowest eigenvalues. A further treatment of com-
plex states is also required in order to implement discrete controllers in
processing units. Such a complex separation requires only complex con-
jugated eigenvalues in the frequency range of interest to be considered.
Disregarding in advance real eigenvalues, does not pose a problem when
dealing with the LQR regulator since it has the same effect as not weighting
them with the modes weighting matrix.
• The LQG controller is a suitable option for developing feedback-controlled
lubrication in active TPJBs since it allows us to focus the actuator energy
in the modes of interest, such as bending modes of the rotor machine. It
can be designed during the machine design process. Caution is advised
when selecting the state or process noise, which might be backed up with
simulations.
• From an experimental viewpoint, it was shown that the LQG controller
performs well for the dynamics it was designed for, i.e., the first bending
of the rotor-bearing system. This entails that the controller can be jointly
designed with bearings from the first stages of the bearing design and
manufacturing.
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• Despite the effectiveness shown by the LQG regulator, it appeared obvious
that a more accurate model which describes the dynamics of the rotor-
bearing system and also the foundation dynamics is needed. The modal-
reduced dynamics of the foundation must be incorporated in the modelling,
so that bending and especially torsional movements can be incorporated.
Further studies will target proper modelling, reducing and including the
flexible foundation dynamics.
• Additional reduction of vibrations is obtained with the feedback-controlled
lubrication over the hybrid and passive ones. Although PID controllers
already deliver good results in a wider frequency range, they are suitable
only as a post-production approach. In order to transform the active TPJB
into an end-user machine element, efforts toward model-based controllers
must be aimed.
Alternatively, and as a future work, robust H∞ controllers may also be ap-
proached under an optimization standpoint, so that discrepancies between
theory and experiment can be treated as uncertainty for improved closed-loop
stability.
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